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ABSTRACT
The operation of an air conditioner under high-ambient temperatures can cause several problems, such as a reduced
compressor lifespan and cooling capacity, as well as increasing energy consumption. Focusing on these aspects, this
article details a thermodynamic analysis of the effect of high-ambient temperatures on two distinct vapor
compression cycles: a single-stage cycle and a two-stage cycle with an economizer. In addition, the thermodynamic
analysis was performed using R-407c as the working fluid, and low-GWP refrigerant fluids such as R-410a, R-32,
R-1234yf, R-1234ze(E) were be compared to the baseline fluid. The heat exchangers were modeled using the zone
separation method. Different ambient temperatures were simulated, ranging from 35 to 55 ºC. Moreover, a secondlaw analysis was performed, computing the component irreversibility for each system configuration. The impact of
outdoor temperature on the internal, external, and total second law efficiencies was also part of the analysis. The
proposed model was validated using experimental data available in the literature. By employing the modeling
results, it is possible to identify an adequate system configuration and low-GWP refrigerant fluid suitable for
extreme outdoor temperature conditions. Therefore, the negative impact caused by the high-ambient temperature is
mitigated, avoiding unnecessary power input consumption and component irreversibilities.

1. INTRODUCTION
Refrigeration systems that work in single-stage vapor compression cycles operating under extreme ambient
temperature conditions have their efficiency drastically reduced due to the large difference between the evaporation
and condensation temperature (Martinez-Galvan et al., 2011). These extreme conditions favor an increase in the
compressor discharge temperature, which in turn causes serious damage to the machine, because the increase of this
temperature generates thermal instability in the lubricating oil and, consequently, triggers serious operating
problems to the compressor, which in turn reduces its lifespan. In addition, high ambient temperatures contribute to
a drastic reduction in the cooling capacity and an increase in the work required by the compressor, and as a result,
the COP of the system is reduced (Motta and Domanski, 2000).
To minimize this damage, the most common solution is the two-stage compression with vapor injection. This cycle
with an economizer ensures a better performance than a single-stage cycle (Mateu-Royo et al.,2020). The main
advantages of having a two-stage compression with vapor injection are due to the increase in the cooling capacity
provided by the increase of the refrigerant effect in the evaporator, and the reduction in the compressor discharge
temperature, compared to the single-stage system (Tello-Oquendo et al., 2016).
Considering these aforementioned aspects, the present work consists of developing a thermodynamic model of a
single and two-stage vapor compression cycle with an economizer working with the refrigerant R-407c. The model
was implemented in the EES software and validated using the experimental data of Bahman and Groll (2020). The
output data was analyzed by means of the second law and several simulation runs were performed under different
ambient temperatures, ranging from 35 ºC to 55 ºC. Finally, the same runs were compared for other refrigerant
fluids with low-environmental impact, as R-32, R-1234yf and R1234ze(E).
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2. THERMODYNAMIC MODEL STRUCTURE
2.1 Compressor
The generic compressor model is characterized by the energy balance as:
˙ 𝑐𝑜𝑚𝑝 = 𝑚
−𝑄˙𝑐𝑜𝑚𝑝 + 𝑊
˙ (ℎ2 − ℎ1 )
(1)
where Q̊comp is the rate of heat lost by the compressor, W̊comp is the work consumed by the compressor, m̊ is the mass
flow through the compressor, h2 is the enthalpy of the discharge line, and h 1 is the enthalpy at the compressor inlet.
To calculate the compressor heat loss, the overall compressor heat transfer conductance is used as follows,
𝑄˙𝑐𝑜𝑚𝑝 = 𝑈𝐴𝑐𝑜𝑚𝑝 (𝑇2 − 𝑇𝑎𝑚𝑏 )
(2)
where UAcomp is the compressor global thermal conductance, T2 is the adiabatic discharge temperature of the
compressor, and Tamb is the ambient temperature.

2.2 Condenser Model
The condenser heat transfer conductance is divided into phase zones (Gonçalves, 2004). Thus, to compute the
condensing temperature, it is necessary to specify three different global conductances: the superheated conductance
𝑈𝐴𝑠𝑢𝑝 , the subcooled conductance 𝑈𝐴𝑠𝑢𝑏 , and the saturated coefficient 𝑈𝐴𝑠𝑎𝑡 . Therefore, based on an energy
balance for each phase, the equations are described as,
𝑚
˙ (ℎ2 − ℎ3 ) = 𝑄˙𝑐𝑜𝑛𝑑 = 𝑄˙𝑠𝑢𝑝 + 𝑄˙𝑠𝑎𝑡 + 𝑄˙𝑠𝑢𝑏
(3)
𝑄˙𝑠𝑢𝑝 = 𝑚
˙ (ℎ2 − ℎ𝑣𝑎𝑝 ) = 𝑚
˙ 𝑐𝑝 ,𝑣𝑎𝑝 (𝑇3 − 𝑇𝑎𝑚𝑏 ) [1 − 𝑒

𝑈𝐴𝑠𝑢𝑝
−( ˙
)
𝑚 𝑐𝑝 ,𝑣𝑎𝑝

(4)

]

𝑄˙𝑠𝑎𝑡 = 𝑚
˙ (ℎ𝑣𝑎𝑝 − ℎ𝑙𝑖𝑞 ) = 𝑈𝐴𝑠𝑎𝑡 (𝑇𝑐𝑜𝑛𝑑 − 𝑇𝑎𝑚𝑏 )
𝑄˙𝑠𝑢𝑏 = 𝑚
˙ (ℎ𝑙𝑖𝑞 − ℎ3 ) = 𝑚
˙ 𝑐𝑝 ,𝑙𝑖𝑞 (𝑇𝑐𝑜𝑛𝑑 − 𝑇𝑎𝑚𝑏 ) [1 − 𝑒

(5)

𝑈𝐴
−( ˙ 𝑠𝑢𝑏 )
𝑚 𝑐𝑝 ,𝑙𝑖𝑞

]

(6)

where Q̇sup is the heat transfer rate exchanged in the superheat region, Q̇sub is the heat transfer rate exchanged in the
subcooling region, Q̇sat is the heat transfer rate exchanged in the saturation region, ṁ is the mass flow rate through
the condenser, Tcond is the condenser temperature, cp is the specific heat at constant pressure, UAsat, UAsub and UAsup
are the overall thermal conductance for the saturation, subcooling and superheat region, respectively.

2.3 Evaporator Model
The evaporator energy balance on the refrigerant side is characterized as:
𝑄˙𝑒𝑣𝑎𝑝 = 𝑚
˙ (ℎ1 − ℎ4 )
(7)
̇
in this equation, Qevap is the heat transfer rate of the evaporator, ṁ is the mass flow rate through the evaporator, h1 is
the output enthalpy of the evaporator, and h4 is the input enthalpy.
To calculate the heat exchanged on the airside, the evaporator, like the condenser, has been divided into zones
(Gonçalves, 2004). It is known that the fluid enters the heat exchanger as a saturated mixture and is discharged as a
superheated fluid, so the overall heat transfer coefficient in the evaporator is divided into two parts.
The equations for calculating the heat exchanged per phase within the evaporator are described below:
𝑚
˙ (ℎ1 − ℎ4 ) = 𝑄˙𝑒𝑣𝑎𝑝 = 𝑄˙𝑠𝑢𝑝,𝑒𝑣𝑎𝑝 + 𝑄˙𝑠𝑎𝑡,𝑒𝑣𝑎𝑝 +𝑄˙𝑙𝑎𝑡
𝑄˙𝑠𝑢𝑝,𝑒𝑣𝑎𝑝 = 𝑚
˙ (ℎ1 − ℎ𝑣𝑎𝑝 ) = 𝑚
˙ 𝑐𝑝 ,𝑣𝑎𝑝 (𝐷𝐵𝑇 − 𝑇𝑒𝑣𝑎𝑝 ) [1 − 𝑒

−(

𝑈𝐴𝑠𝑢𝑝,𝑒𝑣𝑎𝑝
)
˙ 𝑐𝑝 ,𝑣𝑎𝑝
𝑚

]

(8)

(9)

𝑄˙𝑠𝑎𝑡 = 𝑚
˙ (ℎ𝑣𝑎𝑝 − ℎ4 ) = 𝑈𝐴𝑠𝑎𝑡 (𝑇𝑖𝑛 − 𝑇𝑒𝑣𝑎𝑝 )

(10)

𝑄˙𝑙𝑎𝑡 = 𝑈𝐴𝑙𝑎𝑡 (𝑤𝑖𝑛 − 𝑤𝑒𝑣𝑎𝑝 )ℎ𝑙𝑣

(11)
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where DBT is the dry bulb temperature, Tevap is the evaporation temperature, Q̇lat is the latent heat rate, UAlat is the
overall latent heat transfer coefficient, wint is the absolute internal humidity, wevap is the absolute humidity at the
evaporation temperature, and hlv is the enthalpy of vaporization.

2.4 Expansion Device
The expansion device is considered adiabatic, so it does not exchange heat with its surroundings and the equation
that describes the model is described as,
ℎ3 = ℎ4
(12)

2.5 Economizer
The heat exchanger operating at intermediate pressure acts to cool down the fluid leaving the condenser, thus,
providing a decrease in the enthalpy entering the evaporator. Also, the heat transfer that the refrigerant loses in the
flow direction 3 to 4 is passed to the flow 5 to 7 by counter-flow heat exchange, thus, ensuring an increase in the
enthalpy of the intermediate injection into the compressor.

Figure 1: Schematic representation of the vapor compression refrigeration cycle with an economizer
The energy balance in the economizer is represented by eq. 13 as,
𝑚
˙ 𝑜𝑣𝑒𝑟𝑎𝑙𝑙 (ℎ3 − ℎ4 ) = 𝑚
˙ 𝑖𝑛𝑗 (ℎ7 − ℎ5 )
(13)
where ṁoverall, ṁinj, h3, h4, h5 and h7 are total system mass flow rate, injection mass flow rate, enthalpy at condenser
outlet, enthalpy at economizer outlet, enthalpy at economizer upper flow inlet and injection enthalpy (compressor
inlet), respectively.

2.5 Second Law Analysis
For external efficiency, there is a comparison between the COPideal and the COPext so that it is possible to quantify
the values of irreversibilities based on the heat transfer by finite temperature difference. This efficiency is obtained
by the eq. 14,
𝑇𝑒𝑣𝑎𝑝
𝑇𝑐𝑜𝑛𝑑 − 𝑇𝑒𝑣𝑎𝑝
𝐶𝑂𝑃𝑒𝑥𝑡
(14)
𝜂𝑒𝑥𝑡 =
=
𝐷𝐵𝑇
𝐶𝑂𝑃𝑖𝑑𝑒𝑎𝑙
𝑇𝑎𝑚𝑏 − 𝐷𝐵𝑇
Internal efficiency is associated with internal irreversibility (irreversible compression and expansion) and can be
evaluated through the efficiency of the COPsist refrigerator's performance as an ideal refrigerator based on the finite
temperature difference of the COPext heat exchangers. This efficiency is obtained by the eq. 15:
𝑄˙𝑒𝑣𝑎𝑝
𝐶𝑂𝑃𝑠𝑦𝑠
˙
𝑊
𝜂𝑖𝑛𝑡
=
(15)
𝑇𝑒𝑣𝑎𝑝
𝐶𝑂𝑃𝑒𝑥𝑡
𝑇𝑐𝑜𝑛𝑑 − 𝑇𝑒𝑣𝑎𝑝

19th International Refrigeration and Air Conditioning Conference at Purdue, July 10 - 14, 2022

2243, Page 4

For total efficiency there is a comparison between the COPideal and the COPsys, so that it is possible to consider the
external and internal irreversibilities of the system. For calculation the eq. 16 is used as
𝑄˙𝑒𝑣𝑎𝑝
𝐶𝑂𝑃𝑠𝑦𝑠
˙
𝑊
(16)
𝜂𝑜𝑣𝑒𝑟𝑎𝑙𝑙 =
=
𝐷𝐵𝑇
𝐶𝑂𝑃𝑖𝑑𝑒𝑎𝑙
𝑇𝑎𝑚𝑏 − 𝐷𝐵𝑇
For analysis of irreversibility in the evaporator, the evaporator entropy generation rate S̊gen,evap, can be estimated,
based on an entropy balance, as follows,
𝑄˙𝑒𝑣𝑎𝑝
(17)
𝑆˙𝑔𝑒𝑟 ,𝑒𝑣𝑎𝑝 = 𝑚
˙ (𝑠𝑜𝑢𝑡 − 𝑠𝑒𝑛𝑡𝑒𝑟 ) −
𝑇𝐿
where TL is the temperature of the refrigerated environment, sout is the entropy value of the refrigerant leaving the
evaporator, senter is the entropy value entering the evaporator.
The compressor exhibits an irreversible, non-adiabatic process. The entropy generation of the compressor during the
compression process can be estimated by eq. 18,
𝑄˙𝑐𝑜𝑚𝑝
(18)
𝑆˙𝑔𝑒𝑟 ,𝑐𝑜𝑚𝑝 = 𝑚
˙ (𝑠𝑜𝑢𝑡 − 𝑠𝑒𝑛𝑡𝑒𝑟 ) +
𝑇0
where T0 is the temperature of the surrounding environment.
The entropy generation rate S̊gen,cond during the condensation process can be estimated by the eq. 19,
𝑄˙𝑐𝑜𝑛𝑑
𝑆˙𝑔𝑒𝑟 ,𝑐𝑜𝑛𝑑 = 𝑚
˙ (𝑠𝑜𝑢𝑡 − 𝑠𝑒𝑛𝑡𝑒𝑟 ) +
𝑇𝑎𝑚𝑏

(19)

It is assumed that the expansion device is exhibited in an isenthalpic expansion process. Thus, the entropy
generation is calculated by the eq. 20,
𝑆˙𝑔𝑒𝑟 ,𝑣𝑎𝑙𝑣𝑒 = 𝑚
˙ (𝑠𝑜𝑢𝑡 − 𝑠𝑒𝑛𝑡𝑒𝑟 )
(20)
To calculate the entropy generation in the economizer, S̊gen,eco, an entropy balance is performed between the inputs
and outputs of the control volume, thus arriving at the equation described,
𝑆˙𝑔𝑒𝑟 ,𝑒𝑐𝑜 = 𝑚
˙ 𝑖𝑛𝑗 (𝑠7 − 𝑠5 ) − 𝑚
˙ 𝑜𝑣𝑒𝑟𝑎𝑙𝑙 (𝑠3 − 𝑠4 )
(21)
The sum of exergy destroyed (or irreversibility) of a two-stage vapor compression refrigeration cycle can be
calculated by eq. 22 (Bahman and Groll, 2020),
𝛴𝐼𝑖 = 𝑇0 (𝑆˙𝑔𝑒𝑟 ,𝑐𝑜𝑚𝑝 + 𝑆˙𝑔𝑒𝑟 ,𝑒𝑣𝑎𝑝 + 𝑆˙𝑔𝑒𝑟 ,𝑐𝑜𝑛𝑑 + 𝑆˙𝑔𝑒𝑟 ,𝑣𝑎𝑙𝑣𝑒 + 𝑆˙𝑔𝑒𝑟 ,𝑒𝑐𝑜 )
(22)
Therefore, the contribution of each component to the total destroyed exergy Ed of the vapor compression cycle is
estimated as:
𝐼𝑖
𝐸𝑑 =
(23)
𝛴𝐼𝑖

4. METHODOLOGY
The program considers a 1.5 RT (Refrigeration Ton) unit operating with the refrigerant fluid R-407C. The nominal
internal temperature condition was adopted according to the resolution Nº 9 of the National Health Surveillance
Agency (ANVISA, 2003) where the maximum condition allowed in summer is 27 ºC for the dry bulb temperature
and the maximum relative humidity is 60%. The compressor adopted is a scroll model with a volumetric
displacement of 17.1 m3 h-1, an efficiency of 54.1%, and volumetric efficiency of 81.38%, as well as the data
proposed by Tello-Oquendo et al. (2017). The execution of the simulations addresses the fluids R-32, R-410a, R1234yf, and R-1234ze(E) and the test conditions are performed for the temperature of the external environment
ranging from 35 ºC to 55 ºC. The implementation of the mathematical model is done with the help of EES
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(Engineering equation solver). For the data convergence criteria, it was considered that the difference between the
heat transfer rate exchanged on the airside and on the refrigerant side should be less than 1 W, and for the cycle with
an economizer, the injection point in the compressor should have superheating of at least 5 ºC. The adjustment of the
heat exchanger temperatures was done using the bisection method, updating whenever the data did not converge and
thus reducing the range more and more until the correct system temperature was found. The intermediate pressure
was found by using an auxiliary program that performed successive substitutions of the pressure values until the
point at the economizer outlet had a 5 ºC superheating. The temperatures at the heat exchanger outlet maintained an
overheating of 5 °C as well as a subcooling of 5 °C. In this way, we ensured that will be no liquid phase in the
compressor suction line. The economizer has an efficiency of 0.96, as suggested by Bahman et al. (2018).
Table 1: Comparison between the experimental cycle and the model
Components
Evaporator
Compressor
Condenser

Experimental
5478 W
2979 W
8457 W

EES Model
5300 W
2957 W
8257 W

Table 2: Values of the global heat transfer coefficients present in the model
UAcomp
2.596 W/K

UAcond,sup
58.34 W/K

UAcond,sub
38.68 W/K

UAcond,sat
521.6 W/K

UAevap,sup
6.238 W/K

UAevap,sat
144.2 W/K

5. RESULTS AND DISCUSSION
5.1 Second Law Efficiency
The second-law efficiency quantifies the distance between the ideal, external, and system performance coefficients.
Figures 2 and 3 show the values of the internal, external, and total efficiencies of the two-stage and single-stage
system using R-407c as the test fluid. It is important to mention that the analysis of the second law efficiency as well
as its behavior for both cycles is similar for all other fluids tested and for this reason only one fluid was considered
as an example for the comment.
The internal efficiency represents how far the system performance is from the maximum performance proportional
to the finite temperatures of the heat exchangers, the external efficiency points to the distance from the performance
proportional to the finite temperatures of the coolant to the ideal system performance, while the total efficiency
presents the system performance by the maximum capacity of the cycle.
For both systems, the total efficiency of the cycle is lower than the other efficiencies since the COP of the system is
lower than the ideal and external COPs. In the two-stage cycle (Figures 3,7,9 and 11), the external efficiency is
lower than the internal efficiency for the nominal temperature and the distance between them decreases as the
ambient temperature increases, for more extreme temperatures the internal and external efficiencies are very close so
that the total efficiency of the system is increased. For the single-stage cycle (Figures 2,4,6,8 and 10) and in the R410a two-stage cycle (Figure 5), there is a crossover point between the internal and external efficiency of the
system, this occurs because the COP of the system decreases a lot while the reduction in external performance
provided by the finite temperatures of the fluid is not so great, so we have a point where we can consider that the
two-stage cycle becomes effective compared to the single-stage cycle.
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Figure 2: Single-stage cycle second law efficiency for
R-407c

Figure 3: Two-stage cycle second law efficiency for
R-407c

Figure 4: Single-stage cycle second law efficiency for
R-410a

Figure 5: Two-stage cycle second law efficiency for
R-410a

Figure 6: Single-stage cycle second law efficiency for
R-32

Figure 7: Two-stage cycle second law efficiency for
R-32
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Figure 8: Single-stage cycle second law efficiency for
R-1234yf

Figure 9: Two-stage cycle second law efficiency for
R-1234yf

Figure 10: Single-stage cycle second law efficiency for
R-1234ze(E)

Figure 11: Two-stage cycle second law efficiency for
R-1234ze(E)

5.2 Irreversibility
Table 3: Total irreversibility in each cycle at the minimum and maximum ambient temperature (R-407c)
Temperature

Single-stage

Two-stage

35 °C

2008 W

2479 W

55 °C

2537 W

2675 W

As observed in table 3 in the analysis between the cycles for each ambient temperature base, it can be seen that at 35
°C ambient temperature (nominal) the single-stage cycle has a lower irreversibility value, 2008 W, compared to the
two-stage cycle, 2479 W, and one of the justifications to explain what happened, is the number of processes within
the cycles. The single-stage cycle has only four components and four processes, while the two-stage system has six
components and six processes, so considering that the processes are not ideal, the increase in the number of changes
in the refrigerant state contributes to higher total irreversibility of the system. It can also be seen in table 4 that in the
single-stage cycle the expansion valve has a much greater impact on the irreversible process of the cycle, 9.84%,
than in the two-stage system, 2.67%. As expected, the presence of an intermediate pressure reduces the work that the
valves need to perform the expansion and as a result, there is a decrease in the irreversibility of this process. The
sequence of contributions in the irreversible process of the cycle from the largest to the smallest is given with:
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compressor, evaporator, condenser, and expansion valve, for the simple cycle and compressor, evaporator,
condenser, economizer, and valves, for the two-stage cycle.
Following the analysis model for the 55 ºC temperature, it is possible to notice that the difference in the total
irreversibility of the cycles is not so big, despite the number of processes and components being bigger in the twostage cycle. In the first case, for the ambient temperature of 35 ºC (Table 3), the two-stage cycle had irreversibility
about 23.45% bigger than a single stage in the same temperature, while for the temperature of 55 ºC this value
dropped to 5.44%. These values show us a better performance of the two-stage system at high ambient temperatures.
The sequence of contributions in the irreversible process of the cycle from the highest to the lowest is given by: the
compressor, condenser, evaporator, and expansion valve, for the simple cycle and compressor, condenser,
evaporator, valves, and economizer, for the two-stage cycle. It is noticed then that from the ambient temperature of
35 °C to the temperature of 55 °C there was a change in the succession of the contribution of the components, the
phenomenon is explained by the significant increase in pressure and condensing temperature and as a consequence,
an increase in excess in the entropy generation in a way that the entropy generation in the condenser is higher than
the generation in the evaporator. Following with the analysis in the change of the order of the economizer and the
valves, this large increase in the difference of condensing pressure and evaporating pressure is also responsible for
the increased irreversibility of the valves making their overall contribution exceed that of the economizer.
Now for a study of the data aiming at the behavior of the cycles in the change of ambient temperature from 35 °C to
55 °C, it is observed that the single-stage cycle has an increase of 26.34 % in the total irreversibility of the cycle,
while the two-stage cycle has an increase of only 7.9 %. These values reveal a lower impact of the ambient
temperature variation in the two-stage cycle compared to the single-stage cycle. Still performing this same analysis
on the compressor, it can be seen that for the single-stage cycle there was an increase of 36.57% in irreversibility,
while in the two-stage cycle there was an increase of 21.31%. This ensures that the compressor has a better
operation at higher ambient temperatures when operating in a two-stage cycle since there is a lower entropy
variation according to the ambient temperature variation in the compressor for the cycle with an economizer. The
analysis of the behavior of irreversibilities for the refrigerants R-410a, R-32, R-1234yf, and R-1234ze(E) remain in
the same logic as observed for the R-407c fluid.
Table 4: Irreversibility percentage in each cycle at the minimum and maximum ambient temperature (R-407c)
Cycles

Compressor

Condenser

Evaporator

Valve

Economizer

Single-stage (35 °C)

47.04 %

16.43 %

26.69 %

9.84 %

0%

Single-stage (55 °C)

52.09 %

12.54 %

16.71 %

18.67 %

0%

Two-stage (35 °C)

46.66 %

17.66 %

29.47 %

2.67 %

3.54 %

Two-stage (55 °C)

52.71 %

15.06 %

22.48 %

5.59 %

4.16 %

Table 5: Irreversibility percentage in each cycle at the minimum and maximum ambient temperature (R-410a)
Cycles

Compressor

Condenser

Evaporator

Valve

Economizer

Single-stage (35 °C)

44.51 %

19.73 %

24.36 %

11.39 %

0%

Single-stage (55 °C)

47.96 %

16.89 %

14.42 %

20.72 %

0%

Two-stage (35 °C)

44.51 %

19.33 %

28.65 %

4.39 %

3.11 %

Two-stage (55 °C)

49.08 %

15.21 %

17.34 %

16.66 %

1.71 %
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Table 6: Irreversibility percentage in each cycle at the minimum and maximum ambient temperature (R-32)
Cycles

Compressor

Condenser

Evaporator

Valve

Economizer

Single-stage (35 °C)

43.62 %

22.38 %

25.31 %

8.68 %

0%

Single-stage (55 °C)

46.39 %

22.07 %

15.51 %

16.03 %

0%

Two-stage (35 °C)

43.43 %

21.44 %

28.97 %

2.85 %

3.31 %

Two-stage (55 °C)

48.65 %

20.17 %

21.59 %

7.65 %

1.94 %

Table 7: Irreversibility percentage in each cycle at the minimum and maximum ambient temperature (R-1234yf)
Cycles

Compressor

Condenser

Evaporator

Valve

Economizer

Single-stage (35 °C)

46.98 %

15.82 %

25.5 %

11.69 %

0%

Single-stage (55 °C)

51.54 %

11.58 %

14.99 %

21.89 %

0%

Two-stage (35 °C)

46.62 %

17.32 %

28.65 %

3.94 %

3.47 %

Two-stage (55 °C)

52.42 %

13.68 %

20.1 %

11.13 %

2.67 %

Table 8: Irreversibility percentage in each cycle at the minimum and maximum ambient temperature (R-1234ze(E))
Cycles

Compressor

Condenser

Evaporator

Valve

Economizer

Single-stage (35 °C)

47.04 %

16.43 %

26.69 %

9.84 %

0%

Single-stage (55 °C)

52.09 %

12.54 %

16.71 %

18.67 %

0%

Two-stage (35 °C)

46.66 %

17.66 %

29.47 %

2.67 %

3.54 %

Two-stage (55 °C)

52.71 %

15.06 %

22.48 %

5.59 %

4.16 %

6. CONCLUSIONS
The present work brought comparative and evaluative analyses of the operation of two different refrigeration cycles
operating in different ambient temperature ranges, varying from the nominal working temperature to the most
extreme temperature. Taking as an observation the second law analysis of the single-stage cycle and the two-stage
cycle with an economizer, there are better results in the two-stage cycle when compared to the single-stage cycle for
more extreme temperatures, and the single-stage cycle has a better performance than the cycle with economizer at
temperatures closer to the nominal one. In terms of irreversibilities, the single-stage system guarantees processes
with less irreversibility, however, if we consider the number of processes and the number of components present in
the cycles, we can say that the two-stage system has less variation and less entropy generation compared to the
simple cycle when there is a variation in the ambient temperature. It is also important to point out that for the second
law analysis considering only the behavior with ambient temperature variation and disregarding quantitative values,
it was observed that all the fluids tested have similar behavior to climate change.

NOMENCLATURE
Q̊
W̊
m̊
h

heat rate
work rate
mass flow
specific enthalpy

(kW)
(kW)
(kg/s)
(kJ/kg)
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T
UA
Cp
T
η
COP
S̊
s
Subscript
amb
comp
cond
eco
evap
ext
ger
inj
int
L
lat
liq
overall
sat
sens
sub
sup
sys
vap

temperature
global heat transfer conductance
specific heat at constant pressure
Temperature
efficiency
coefficient of performance
entropy generation
specific entropy

(°C)
(W/K)
(kJ/kgK)
(°C)
(-)
(-)
(kJ/K)
(kJ/kgK)

ambient
compressor
condenser
economizer
evaporator
external
generate
injection
internal
refrigerated environment
latent
liquid
total
saturated
sensible
subcooled
superheated
system
vapor
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